Keywords: Hydrogen Liquefaction Heat exchanger Plate-fin Spiral-wound Coil-wound a b s t r a c t Detailed heat exchanger designs are determined by matching intermediate temperatures in a large-scale Claude refrigeration process for liquefaction of hydrogen with a capacity of 125 tons/day. A comparison is made of catalyst filled plate-fin and spiral-wound heat exchangers by use of a flexible and robust modeling framework for multi-stream heat exchangers that incorporates conversion of ortho-to para-hydrogen in the hydrogen feed stream, accurate thermophysical models and a distributed resolution of all streams and wall temperatures. Maps of the local exergy destruction in the heat exchangers are presented, which enable the identification of several avenues to improve their performances.
Introduction
Hydrogen has the potential to become an important, carbonfree energy commodity that can enable low-or zeroemission energy use in several of the world's energy sectors, such as power generation, road and rail transport, sea transport and energy-and emission-intensive industries [1] . Hydrogen can be produced from several energy sources, both renewable and fossil. On the renewable side, water electrolysis using wind and solar energy has a high potential [2] . Fossil energy, primarily natural gas and coal, can be efficiently converted to hydrogen, and the emissions can be reduced to low levels with capture and storage of the CO 2 [2] . A major challenge in a mass roll-out scenario for hydrogen is to achieve energy-and cost-efficient storage, transport and distribution from its origin to end users. Distribution of large quantities across long distances favors dense-phase transport [3] . A promising method for dense-phase transport, both from a cost and energy point-of-view is liquid hydrogen (LH 2 ) [4, 5] .
Until now, the market for LH 2 has been small and few resources have been allocated to research and development. Therefore, the hydrogen liquefaction process has a large potential for improvement. A typical capacity of current hydrogen liquefaction plants is 5e30 tons per day (tpd) [4] . In comparison, plants for production of Liquefied natural gas (LNG) have capacities exceeding 10 000 tpd. The industry has recently targeted development of large-scale hydrogen liquefaction plants with capacities exceeding 500 tpd [6] .
A key challenge in developing large-scale hydrogen liquefaction plants is to achieve cost and energy-efficient design of the main heat exchangers [7] . The state-of-the-art technology today is plate-fin heat exchangers with catalyst placed in part of the layers to speed up the conversion between ortho-and para-hydrogen [8e10]. In large-scale LNG processes, spiral-wound heat exchangers are a frequently used alternative to plate-fin heat exchangers [11] . In spiral-wound heat exchangers, also referred to as coil-wound heat exchangers, the hot streams flow in pipes wounded around an inner mandrel, and the refrigerant flows counter-currently at the shell side. Spiral-wound heat exchangers are scalable, easy to maintain and have high overall heat transfer coefficients. They are also known to be robust towards thermal expansion, which is crucial as the hydrogen liquefaction process operates down to 20 K. The primary aim of this work is to evaluate the performance and potential of novel catalyst filled spiral-wound heat exchangers in a large-scale hydrogen liquefaction process.
Heat exchangers can be studied with different methods such as experiments [11e14], computational models [15e17] and theory [18, 19] . Computational fluid dynamics (CFD) is capable of resolving the flow pattern in the heat exchanger [20e22] and is an excellent tool for obtaining information about local heat transfer and momentum transfer characteristics [22] . At the other side of the spectrum lies the Effectiveness-NTU and LMTD approaches, where effective UA-values account for the overall heat transfer characteristics [16, 17] . This is the method of choice for demanding process simulations and optimization studies [4,9,23e25 ]. The best methodology to evaluate the influence of key geometrical parameters on the design of novel multistream heat exchangers lies arguably between CFD and the NTU/LMTDapproaches [26] , both with respect to computational complexity and resolution.
In this work, we combine process simulations with the flexible and robust heat exchanger modeling framework presented in Refs. [15, 27] . One-dimensional balance equations for mass, energy and momentum are solved for all relevant streams. The streams interact via surface nodes equipped with wall temperatures that build the geometry of the heat exchanger and ensure that no unphysical temperature-i n t e r n a t i o n a l j o u r n a l o f h y d r o g e n e n e r g y x x x ( x x x x ) x x x crossing between any streams can occur. State-of-the-art thermo-physical models and correlations are used to account for local heat and momentum transfer. The complete model constitutes a large-set of differential and algebraic equations that must be solved numerically.
We will compare catalyst filled plate-fin heat exchangers and spiral-wound heat exchangers; their size, weight and efficiency. Maps of the local exergy destruction in the heat exchangers will be presented. They reveal several avenues to further improve the process.
The process design and the five main heat exchangers
The hydrogen liquefier considered in this work is a Claudetype liquefaction cycle with a hydrocarbon-based single mixed-refrigerant (MR) pre-cooling cycle. The liquefier has a net capacity of 125 tpd. The overall process flow diagram is shown in Fig. 1 . Aspen HYSYS was used to build the simulation model, assuming steady-state operation.
The hydrogen (H 2 ) feed stream has a pressure of 20 bar and is fed to heat exchanger 1 (HX-1), where it is precooled to approximately 114 K by the single MR cycle. Single MR refrigeration is a mature technology for LNG applications, but has not yet been realized commercially for LH 2 , where open nitrogen pre-cooling is the standard [4] . The high-pressure level in the MR cycle at the HX-1 inlet is 35 bar and the required mass flow rate of the refrigerant is about 1600 tpd. After internal cooling to about 114 K, the sub-cooled highpressure stream is throttled to 4.25 bar, which gives a temperature of 112 K and a vapor fraction of 6% on a molar basis. The low-pressure MR stream has sufficient refrigeration capacity for pre-cooling the high-pressure MR as well as the H 2 feed stream.
One of the main advantages of using MR is the gliding temperature profiles occurring during condensation at high pressure and boiling at low pressure. The single MR composition used in the liquefaction process is given in Table 1 . The operating temperature range for the precooling cycle is downwards constrained by the freezing point of the heavier components in the refrigerant mixture. In the present case, the component with the highest freezing point is n-butane, and a certain safety margin between operating temperatures and freeze-out temperature must be maintained. Using the freezing point evaluation tool embedded in Aspen HYSYS, the margin between the actual stream temperature and the estimated n-butane freeze-out temperature is found to be 8.9 K on the high-pressure side, and correspondingly 7.6 K on the lowpressure side in the cold end of HX-1.
Upon evaporation, superheating and returning to the hot end of HX-1, the MR return stream is compressed to 11 bar in the first compression stage. The volume flow at the compressor inlet is about 11 000 m 3 /h and the compressor isentropic efficiency is assumed to be 85%. Intercooling between the compression stages causes condensation of a fraction of the refrigerant mixture, predominantly the heaviest component n-butane. A receiver located downstream of the intercooler separates the phases so that they are further compressed to the high-pressure level (35.2 bar) by vapor compression and liquid pumping, before the phases are fed to the HX-1 inlet. The isentropic efficiency for the second compressor stage and pump is assumed to be 85% and 75%, respectively.
HX-2 is the second heat exchanger in the liquefier, operating between ambient temperature and pre-cooling temperature levels. HX-2 pre-cools the high-pressure H 2 stream of the Claude cycle against heating of returning low-and intermediate-pressure cold H 2 streams from the same Claude cycle. The high-pressure stream has a feed temperature and pressure of 288 K and 29.8 bar, respectively. The mass flowrate is 1173 tpd, that is, 9.4 times that of the H 2 feed stream. This mass flowrate balances against those of the returning lowand intermediate-pressure cold H 2 streams in the closed-loop Claude cycle, with flowrates of 51.5 tpd and 1121.5 tpd, respectively. The high-pressure stream is cooled to about 119.5 K, while the cold-stream temperatures approach that of the high-pressure inlet temperature before returning to the H 2 compressors.
After precooling in HX-1, the H 2 feed stream passes through a regenerative fixed-bed catalyst-filled reactor in which a certain fraction of ortho-hydrogen is converted to para-hydrogen. The conversion is assumed to be adiabatic and at the point of equilibrium at the reactor outlet. For an inlet temperature of 114 K and a para-hydrogen fraction of 0.25, the corresponding equilibrium outlet temperature is about 118 K, and the para-hydrogen mole fraction is increased from 0.25 to about 0.33.
In HX-3, the H 2 feed as well as the high-pressure Claude cycle stream are further cooled to about 106 K and 113 K against the returning low-and intermediate-pressure H 2 streams in the Claude cycle. Through the rest of the major heat exchangers in the liquefier, from HX-3 through HX-6, the conversion of ortho-hydrogen to para-hydrogen in the H 2 feed stream occurs inside catalyst-filled channels as the feed stream is cooled further. No catalyzed ortho-to-para conversion takes place in the channels of the high-, intermediateand low-pressure streams.
On the cold side of HX-3, HX-4 and HX-5, a side stream is withdrawn from the high-pressure line. Each side stream is expanded in cryogenic turbines in respective Brayton branches. They bypass the adjacent heat exchanger and are fed to the cold side of it, as shown in the process flow diagram in Fig. 1 . The outlet pressure for the three different expander triplet or pairs matches the pressure level of the intermediatepressure return line, and the enthalpy drop and thus discharge temperature matches reasonably well the cold-side feed temperature level of the adjacent heat exchanger. All cryo-expanders are assumed to have 85% isentropic efficiency, which is a reasonable assumption based on state-ofthe-art technology [28] . The shaft power generated in each liquefier block is about 2.8 MW. Given the large capacity of the liquefier, it is assumed that the shaft power is recovered as electric energy on the outside of the cryogenic coldbox with an overall shaft-to-electricity conversion efficiency of 80%.
In addition to the three Brayton branches, which account for more than 95% of the total flow rate of the Claude cycle high-pressure stream, a Joule-Thomson branch is needed to provide refrigeration capacity in the condensing and subcooling heat exchanger, HX-6. To reach the required cold-side sub cooler temperature, the remaining fraction of the high-pressure H 2 stream is expanded to 1.33 bar in two stages. In the first stage, a liquid expander with 80% isentropic efficiency reduces the pressure to about 7.2 bar in the liquid phase, followed by isenthalpic throttling to 1.33 bar. The sequence of a liquid expander and isenthalpic throttling valve generates considerably less entropy than a single isenthalpic throttling, and therefore a lower vapor fraction. The resulting two-phase H 2 stream enters a receiver serving a flooded evaporator, represented by HX-7, in which a column of LH 2 continuously boils off while it condenses and sub-cools the incoming H 2 feed stream.
The H 2 feed stream is cooled to about 30 K at the outlet of HX-6 before expanded in an ejector, which re-compresses a smaller suction stream of boil-off gas from the LH 2 storage. The ratio between the suction stream and the motive stream, commonly denoted the entrainment ratio of the ejector, is 0.057. The ejector discharge pressure is 1.85 bar, and the resulting vapor fraction of the discharge stream is approximately 0.29. In the flooded evaporator HX-7, the ejector discharge stream is condensed and subcooled by a margin of approximately 1 K before being transferred to the LH 2 storage.
Mathematical models for the heat exchangers
Catalyst must be placed inside the heat exchangers to speed up the kinetics of the following spin-isomer reaction:
(1) where subscripts o and p refer to ortho-(where the spin of the protons are the same) and para-hydrogen (where the spins of the protons are opposite). With no catalyst, the heat that is generated when liquefied ortho-hydrogen converts to parahydrogen in e.g. storage tanks will lead to full evaporation, since the enthalpy difference of ortho-para conversion exceeds the latent heat of evaporation at low temperatures. Therefore it is necessary to convert all the H 2 to parahydrogen before storage, which will require additional refrigeration capacity and more heat transfer area. In the following, we will describe the mathematical models used to represent and investigate plate-fin and spiral-wound heat exchangers.
The plate-fin heat exchanger
The plate-fin heat exchanger depicted in Fig. 2 is constructed from layers with fins separated by parting sheets, where cold and hot streams flow counter currently in alternating layers. For layer j of a plate-fin heat exchanger, located between the layers j À 1 and j þ 1, the steady-state energy balances are:
Here, h j denotes the specific enthalpy, _ m j the mass flowrate, g j the perimeter within layer j and J q;i;j denotes the heat flux from stream i to stream j, where J q;i;j ¼ À J q;j;i . The factor ð1 =2Þ in Eq. (2) reflects that the perimeter of a layer interacts with two other layers, the layer above and the layer below, where half of the overall perimeter is attributed to each. The momentum balances of all sections can be simplified in terms of differential equations for the pressure dp j dz
where p is the pressure, f is the Darcy-Weisbach friction factor, A the cross section area, D h;j is the hydraulic diameter of layer j and r the density. Both the heat transfer coefficient and the friction factor depended on whether boiling/condensation occurs, if the fluids are single-phase, and if the fluid was in an open channel, or a channel packed with catalyst pellets. Moreover, the mechanisms for transfer of energy and momentum depended on whether the flow was in the laminar or in the turbulent regimes. To take into account the changing conditions in the heat exchanger, heat transfer coefficients and friction factors based on empirical expressions were used. The heat transfer coefficient for finned geometries is typically represented with a j-factor. For serrated fins, the j-factor and friction factor correlations by Manglik and Bergels [29] . The jfactor is related to the heat transfer coefficient of an open channel through the Stanton and Prandtl numbers [30] , where the Nusselt number is linear in the heat transfer coefficient. The heat transfer coefficient for rectangular fins can be obtained by using the correlation by Gnielinski [31] , with the friction factor from the correlation by Filonenko [32] . Perforated fins can be treated as plain fins, but with the surface multiplied by a perforation factor of 0.95, meaning that 5% of the area is lost due to perforation, and with the friction factor increased by 20% as recommended by Hesselgreaves [19] . We refer to Ref. [7] for further details.
The sprial-wound heat exchanger
The spiral-wound heat exchanger depicted in Fig. 3 is constructed by tubes wounded around an inner mandrel surrounded by an outer shell. Usually, the hot streams flow inside the wounded pipes and the refrigerant stream flows countercurrently on the shell-side. The helix angle of the various hot streams can be chosen differently to have different thermal lengths, as illustrated in the figure. The recommendations from Refs. [33, 34] have been used as the basis for the modeling. In the model implemented, each stream can be represented by many parallel tubes with the same length, helix angle and other characteristics. The helix angle, b and the longitudinal pitch, P l are related to the shell and tube lengths and the radial pitch, P r as
where subscript j refers to tube j and L refers to the total length. The spiral-wound geometry can be characterized by the following parameters: Bundle height, the longitudinal pitch(es), the radial tube pitch, an estimation for the core diameter and an estimation on the number of parallel tubes for each tube stream. Based on the initial core diameter, an initial number of tubes for the first layer can be calculated. For each additional layer, the layer diameter is computed and an even number of tubes in this layer is calculated and added to the total. The number of layers is increased by one until the total (estimated) number of tubes has been placed.
The total number of layers is found and the outer diameter of the shell can be calculated. The helix angle in each layer will vary slightly around the average helix angle (and longitudinal tube pitch) for the given tube stream, but this is not accounted for in the thermal model that only uses the total heat transfer surface and the average longitudinal tube pitch. The tube increment from one layer to the next will typically be either 0, 1 or 2. When winding up the streams, the layers will alternate between the specified tube streams. The actual radial position of a stream in the bundle is not accounted for in the thermal model, which only uses a one dimensional approach. The differential equations for the spiral-wound heat exchanger are similar to those of the plate-fin heat exchanger, except that all streams (subscript j) heat exchange with the shellside, and the shell-side heat exchange with all other streams.
Shell side cross flow area
The cross flow area for a helical tube bundle is a mix of in-line and staggered tube arrangements. There are a few methods proposed in the literature that account for this [35] . The method by Gilli [12] is often used to correct the free flow area. The cross flow area is then calculated by using the average diameter between the shell and the core multiplied with the number of layers and the free space distance, S. The cross free-flow area is important, since it is used to calculate the mass flux that will determine the local Re-number used in heat transfer coefficient and friction factor correlations. It is given by:
where S can become in-line, staggered or calculated from a selected geometry model, i.e. the model by Ref. [12] .
In the model developed in this work, an alternative method to that presented by Gilli is used, namely the one proposed by Smith [35] . Here, the flow area is calculated directly as the annular area between the core and the shell. The method is shown in Eqs. (9e14) and uses two correction factors. One for the face area, Eq. (11), and one for the helix angle, Eq. (12) . It was implemented as described in Ref. [33] .
To predict the thermal-hydraulic behavior of the heat exchanger, sub-models for heat transfer coefficients and friction factors are required. For the heat transfer and pressure loss in a spiral-wound heat exchanger, we have implemented the most commonly used models from the literature, typically used in LNG processes [33, 34] , except when the pipes are filled with catalyst.
Shell side heat transfer
Downward flow has been assumed for the shell side stream. For the MR pre-cooling cycle, the low pressure MR-stream will be on the shell side. For a process where H 2 is used as refrigerant, the medium pressure gas will be the cold fluid flowing at the shell-side. This fluid will be single-phase gas. The single phase heat transfer coefficient has been calculated by using the equation by Gnielinski [33] . The Nusselt number, Nu, was correlated using a laminar and turbulent contribution together with a tube arrangement factor, f A
The characteristic length, X is defined as: pD t =2 where D t is the outside tube diameter. The turbulent and laminar Nu numbers have been calculated from Eqs. (16) and (17) with the Re-number defined from Eq. (18)
Nu turb ¼ 0:037 , Re 0:8 , Pr 1 þ 2:443 , Re À0:1 , À Pr 2=3 À 1 Á;
where u is the velocity in the empty cross section, g is the void fraction used to calculate the average velocity between the tubes and Pr is the Prandtl number. The void fraction, g and the arrangement factor, f A have been calculated as for an inline tube bank from Eqs. (19e24), where P r and P l are the radial and longitudinal tube pitches. When the streams have different tube lengths, the helix angle and longitudinal tube pitch will vary. For these circumstances, the bundle average longitudinal pitch is used in Eq. (22)
: staggered (24) Shell side pressure loss
The shell side pressure loss for single phase gas has been calculated by using the method of Barbe [36] . This is an implicit formulation for the friction factor that combines both inline and staggered tube arrangement geometries. dp dl
The mass flux, _ M has been calculated as the mass flow (kg/ s) divided by the calculated cross flow area based on in-line, staggered or the method by Gilli, Glaser or Smith. This mass flux is also used in the Re-number in Eq. (29) , which differs from the Re-number used in the heat transfer calculations. The friction factor, F, is:
The in-line and staggered parts of Eq. (26) are calculated from Eqs. (27) and (28) .
The friction factors F in and F st are calculated by a method from Idel'cik.
The exponent m is taken from the recommendations given in Ref. [33] . Furthermore: P r P l :
P r > P l :
! À0:68 , ðb À 1Þ À0:5 ,Re n ;
The expression for the friction factor given in Eq. (26) is implicit and has been solved in the model by using a second order Newton method with analytical derivatives.
Tube side heat transfer and pressure losses
On the tube side, high pressure single phase gas consisting of H 2 and refrigerant (also H 2 in this work) is cooled. In HX 2-HX 6, a low pressure H 2 single phase gas stream is heated in downward flow (as the shell side). The heat transfer coefficient is here calculated by using the Nu-correlation by Gnielinski [31] . Frictional pressure drops in tube j are predicted by the Blasius equation [37] : dp j dz
Common model features
Some of the equations used are the same for the plate-fin and spiral-wound heat exchanger technologies. The steady-state mass balance of para-hydrogen for the streams flowing across catalyst is:
where _ m H 2 ;p is the mass flow rate of para-hydrogen, A H 2 is the cross section area of a layer with catalyst pellets and r o/p is the reaction rate per reactor volume per second for the forward reaction in Eq. (1). In previous work [7] , we developed a i n t e r n a t i o n a l j o u r n a l o f h y d r o g e n e n e r g y x x x ( x x x x ) x x x correlation for the ortho-para conversion kinetics, r o/p that reproduced available experimental data with an average deviation of 2.2%. In Ref. [7] , we compared to all available experimental data on the conversion of ortho-and parahydrogen. We refer to Ref. [7] for details about the expression for the reaction rate and for figures that display the comparison to the experimental data. The energy and momentum balances described previously were formulated in terms of the pressure and enthalpy. The advantage of this solution methodology is that the enthalpy of conversion between ortho and para-hydrogen is automatically taken into account. At each position, the temperature within a layer can be obtained by performing phase equilibrium calculations where the enthalpy and pressure are specified, as described in Ref. [38] . In this work, we used a nested loop approach to solve the enthalpy-pressure phase equilibrium calculations [39] , employing the thermodynamic framework presented in Ref. [40] . The hydrogen was described as an ideal mixture between ortho and para-hydrogen at local equilibrium at each position z, where the EoS by Leachman et al. [10] was used to describe the thermodynamic properties of ortho and parahydrogen. Thermal conductivities and viscosities of the nonequilibrium mixture of ortho-and para-hydrogen were computed with the corresponding state approach, TRAPP, with propane as the reference fluid.
We assume that in pipes or layers filled with catalyst, the heat transfer with the wall and the pressure drop is dominated by the characteristics of the pellets. Therefore, for the heat transfer coefficient, the correlations by Peters [41] was used. The pressure loss in the catalyst-filled tubes use the model by Ergun, by using the superficial gas flow in the bulk flow pressure loss but with a modified expression for the friction factor by Hicks [42] . The pellet void fraction is calculated from the model by Haughey and Beveridge [43] .
The exergy destruction in the heat exchangers
We shall evaluate the exergy destruction due to irreversibilities that take place inside of the heat exchangers. For the heat exchangers discussed in this work, the exergy destruction and lost work originate from three contributions (See Ref. [7] for details): 
where n is the total number of layers, T 0 is the reference temperature of the environment, taken in this work to be 298 K, g i;k is the perimeter between stream k and i, J q;i;k denotes the heat flux from stream i to stream k, DG o/p;i is the Gibbs free energy of the ortho-para hydrogen conversion in stream i, _ E T , _ E P and _ E Rx represent the total exergy destruction within the heat exchanger from heat transfer, pressure drop and ortho-para hydrogen conversion respectively. Analogously, _ e T , _ e P and _ e Rx represent the local exergy destruction within the heat exchanger, with units of [W/m]. Further, g i;k;eff ¼g i;k in the spiral-wound heat exchangers, and g i;k;eff ¼0:5g i;k in the plate-fin heat exchangers. Note that for the layers where no ortho-para hydrogen conversion takes place, r o/p ¼0 and the last term on the right-hand-side of Eq. (40) is zero. The local entropy production that was used to compute the local exergy destruction in Eq. (40) can be derived similarly as in Ref. [44] . By analyzing the different terms in Eq. (40), one can identify the main sources and the location of the exergy destruction in the heat exchangers. Furthermore, the energy efficiency based on the second law of thermodynamics, h II was computed by using the same approach as described in Ref. [45] .
Result and discussion
In the following, we will compare the characteristics, behavior and performances of plate-fin and spiral-wound heat exchangers for use in a large-scale Claude refrigeration process for liquefaction of hydrogen.
While catalyst filled plate-fin heat exchangers is the present state-of-the-art, spiral-wound heat exchangers have not yet been considered for use in LH 2 production. Hence, this work presents an initial evaluation of their suitability for this purpose. The seven heat exchanger in the process are depicted in Fig. 1 . Since the flooded evaporated (HX-7) has a low duty (0.2 MW) and operates in the two-phase regime, it will be omitted from the analysis. HX-7 should likely be designed as a compact plate heat exchanger.
The outlet pressures, ortho-para hydrogen conversion and temperatures differ slightly for plate-fin and spiral-wound heat exchangers. Therefore, we shall consider two processes; one where only plate-fin heat exchangers have been employed, and another where exclusively spiral-wound heat exchangers have been used. The exact boundary conditions for the heat exchangers in the two processes are reported in the Supplementary Information (SI). A key difference between the two processes is that only one shell-stream is possible in a spiral-wound heat exchanger, and the smallest cold stream flows in some of the pipes. This implies that while the outlet temperatures from the cold streams usually differ for the spiral-wound heat exchangers, they can be designed to be equal in a plate-fin heat exchanger.
The heat exchanger designs
The heat exchanger designs were determined by matching intermediate temperatures decided by the LH 2 process configuration (see the SI), while keeping the pressure drop of each stream of the heat exchangers below a defined value, typically 0.7 bar for the high pressure streams and 0.05 bar for medium and low pressure streams. Moreover, the designs were constrained by the maximum module dimensions that can be manufactured by commercial suppliers [8] . The dimensions of the plate-fin heat exchanger modules were kept within widths, heights and lengths of 1.5, 1.5 and 8 m respectively. The outer shell diameters of the spiral-wound heat exchangers were kept below 4.7 m. The designs have not been subject to optimization, but serve the purpose of facilitating a comparison of plate-fin and spiralwound heat exchangers. Further optimization is beyond the scope of the present work, as this should be carried-out for the whole process. The resulting key geometrical parameters for the heat exchangers are displayed in Tables 2  and 3 for the plate-fin and spiral-wound heat exchangers respectively. All the plate-fin heat exchangers are 1.5 m wide, and the stacking sequences of the cold and hot streams are provided in the SI.
The surface density of a heat exchanger, h s , denotes the available heat exchanger area per volume. The surface densities are summarized by the last columns in Tables 2 and 3 , and vary between 100 and 300 m À1 for the spiral-wound heat exchangers and 950-1250 m À1 for the plate-fin heat exchangers, i.e. they are about 5e10 times higher for the platefin heat exchangers. The plate-fin heat exchangers are significantly more compact, which results in a smaller volumetric foot-print for a target duty. The weights of the spiralwound heat exchangers are 2e14 times higher. The increase in weight is partly due to the lower surface density, but also because of a large increase in the necessary surface area between hot and cold streams, A s . For all of the heat exchangers except HX-6, we find that a significantly larger surface area is needed in the spiral-wound heat exchanger to match the targeted intermediate temperatures of the LH 2 process.
In HX-3 to HX-6, some of the pipes and layers are filled with catalyst. This makes up about 30% of the total heat exchanger weight. This weight estimation did not account for the additional piping needed for the parallel plate-fin heat exchanger units. An advantage of using spiral-wound heat exchangers is the possibility to have only one unit for each heat exchanger. It is necessary to have between 1 (HX-6) and 4 parallel units (HX-2 and HX-5) if the plate-fin heat exchanger technology is chosen. This will lead to additional piping and extra weight.
The average helix angles of the first two spiral-wound heat exchangers are 12 and 16 . The average helix angle of the last four spiral-wound heat exchangers varies between 23 and 29 . The reason for the large increase in helix angle for the last heat exchangers is to restrict the total pressure drop, since pipes filled with catalyst have higher pressure drops than open pipes. The helix angle for the tube layers containing the catalyst is in the range 60e70 . The high helix angle makes it technically more feasible to fill catalytic pellets into the pipes. The helix angle for the high and low pressure gas streams are in the range 10e13 in order to provide the appropriate thermal length.
Distribution of heat exchanger duty and exergy destruction
The duty, exergy destruction and second law efficiencies, h II , of the heat exchangers are presented in Table 4 . The overall duty of both processes is almost the same. The slightly higher duty of the process with only spiral-wound heat exchangers (0.4 MW) is due to a higher conversion of orthohydrogen, where the outlet mole-fraction of parahydrogen from HX-6 is 0.97 for the spiral-wound heat exchanger and 0.93 from the plate-fin heat exchanger. The conversion to para-hydrogen is very costly at the lowest temperatures.
We can exploit Eq. (40) from nonequilibrium thermodynamics [46] to categorize the exergy destruction as thermal, from fricional pressure drop or from conversion of ortho-to para-hydrogen. In the spiral-wound heat exchangers, the distribution between thermal, pressure-based and conversion-based exergy destruction is 84%, 14% and 2% respectively. The corresponding numbers for the plate-fin heat exchangers are 64%, 30% and 6%. The general trend is that the spiral-wound heat exchangers have a lower exergy destruction from pressure drop and ortho-para hydrogen conversion.
The overall distribution between the plate-fin heat exchangers is further illustrated in Fig. 4 . The figure shows that even though about 81% of the heat exchanger duty is allocated to HX-1 and HX-2 in the precooling section, they are responsible for less than 45% of the total exergy destruction. The reason for this is that the exergy destruction increases proportionally with T À1 , which means that it is particularly parasitic at low temperatures. The last heat exchanger, HX-6 accounts for 2% of the overall duty, but is responsible for about 14% of the overall exergy destruction for the plate-fin heat exchanger designs.
The heat exchanger duties vary from about 1 MW in HX-6 to 31 MW in HX-2, while the exergy destruction increases from about 3 to 5% in HX-1 and HX-2 to 64% in HX-6. In the first two heat exchangers, the exergy destruction makes up a small percentage of the total duty. However, due to the large duties, a small relative improvement can lead to a significant reduction of the total exergy destruction. The last heat exchangers have much lower duties, but also a higher relative exergy destruction. Hence, it is relevant to address all of the six heat exchanger to improve the process.
The second law efficiencies of the heat exchangers vary between 72.3% and 96.6%. Although the exergy destruction i n t e r n a t i o n a l j o u r n a l o f h y d r o g e n e n e r g y x x x ( x x x x ) x x x makes up a higher percent of the duty at lower temperatures, compare e.g. HX-1 and HX-6, the second law efficiencies do not follow this trend. This is because of the large entropic contribution to the change in exergy across the heat exchangers, which increases at lower temperatures. In the following, we shall discuss each heat exchanger in more detail, and evaluate both the potential for improvement as well as the potential benefits of incorporating novel catalyst filled spiral-wound heat exchangers into the process.
HX-1
The purpose of HX-1 is to cool the H 2 feed stream and the high-pressure MR from ambient temperature to about 114 K by use of a low-pressure MR. The temperatures in the plate-fin heat exchanger are depicted in Fig. 5a . The corresponding temperature profiles for the spiral-wound heat exchanger look very similar and have not been shown. The figure displays a tight thermal match between the hot and cold Fig. 4 e Distribution between of the duty (left) and the exergy destruction (right) for plate-fin heat exchangers, HX-1 to HX-6.
i n t e r n a t i o n a l j o u r n a l o f h y d r o g e n e n e r g y x x x ( x x x x ) x x x streams, where the temperature differences vary between 1 K and 16 K. Table 4 reveals that most of the exergy destruction in HX-1 originates in thermal gradients. Eq. (40) can be used to further identify the locations of the largest exergy destructions within the heat exchangers. Fig. 5 (bottom) illustrates the local exergy destruction in HX-1 as represented by the arguments of the integral in Eq. (40) . The figure reveals that there are two main locations for thermal exergy destruction in both heat exchanger types; near at the hot-end (z=L>0.9), and near the middle. Near the hot end, the low-pressure MR leaves at a temperature that is 16 K below that of the H 2 feed and 13 K lower than the high pressure MR, creating a thermal mismatch and thermal exergy destruction. The vapor-fraction plotted in Fig. 5b shows that near the middle of the plate-fin heat exchanger, the condensing high-pressure MR exits the two-phase region and becomes single-phase liquid. When the high-pressure MR condenses, latent heat is released, which helps to maintain the temperature of the stream. After the two-phase high-pressure MR becomes single-phase liquid, the temperature starts to drop more rapidly, as can be seen by the temperature slope in Fig. 5a . This creates a thermal mismatch, which is the origin of the hump near the middle of Fig. 5c, d .
A possible strategy to reduce this exergy destruction is to employ a dual or cascade MR process, which is state of the art in LNG production [47] . A key argument for this is that HX-1 has a temperature span of more than 150 K, which is comparable to the temperature span encountered in LNG production. A more sophisticated process with multiple MR compositions has the potential to significantly reduce the exergy destruction in HX-1, since the use of more MR compositions enables the refrigerant to be in the two-phase regime throughout the entire heat exchanger, as well as a better match of the inlet temperatures of high-pressure MR and the H 2 feed.
A challenge that must be addressed before employing single or multiple MR processes for hydrogen liquefaction is the possible occurrence of flow-instabilities such as Ledinegg instabilities. They can cause large thermal oscillations and obstruct the heat exchanger [27] . Further discussion of such challenges is beyond the scope of the present work.
HX-2
HX-2 is the largest heat exchanger in the process, with a duty of 31 MW. As a consequence, it is responsible for about one third of the total exergy destruction. The purpose of HX-2 is to cool the high pressure H 2 refrigerant from ambient temperature to 119 K, as shown in Fig. 6a . Here, both the low-and medium-pressure H 2 refrigerants are cold streams. The performances of the plate-fin and the spiral-wound heat exchangers are similar, where both temperature gradients and pressure drop are important sources of exergy destruction. The smaller exergy destruction and higher second law efficiency in the spiral-wound heat exchanger is due to the significantly larger volume and surface area, A s .
We shall next discuss the exergy destruction in HX-2 and possible ways to reduce it. Since the spiral-wound heat exchanger behaves qualitatively similar to the plate-fin heat exchanger, we display only results from the plate-fin heat exchanger. Fig. 6d shows that most of the exergy destruction in HX-2 comes from the medium and high-pressure H 2 streams. The total mass-flow rate of the low-pressure H 2 is more than 20 times smaller than the other streams and is only present in 1/6 of the total number of layers. Even with a low fin density and perforated fins, the temperature follows closely the profile of the warm high pressure H 2 stream. The nearzero temperature difference is shown by the solid magenta line in Fig. 6b . The exergy destruction both from thermal gradients and pressure gradients is higher in the medium pressure H 2 due to a lower density than in the high pressure H 2 . We find that the wall heat transfer coefficient of the medium pressure hydrogen is on average 45% lower than that of the high pressure hydrogen. This explains the larger temperature difference in Fig. 6b and the larger exergy destruction from this stream.
In Ref. [48] , we showed that a good strategy to lower the entropy production/exergy destruction in a heat exchanger in the hydrogen liquefaction process is to modify the design and operation such that the local exergy destruction is equally distributed in space. An inspection of the local exergy destruction of HX-2 displayed in Fig. 6c shows that this is far from the case. The exergy destruction in the heat exchanger is much larger near the cold end than near the warm end. This can be explained from the temperature differences, which are also largest near the cold-end, as shown in Fig. 6a, b . The situation can be improved by modifying the heat exchanger design to facilitate equipartition of the local exergy destruction. In the spiral-wound heat exchanger, the helix angle of the wounded pipes could be modified near the cold end in order to have a higher surface density. In the plate-fin heat exchanger, different fin specifications could be used near the cold and hot ends. However, further optimization of these configurations is beyond the scope of the present work.
HX-3, HX-4 and HX-5
In HX-3 to HX-6, the layers and pipes where H 2 feed flows are filled with catalyst. The catalyst gives a higher pressure drop, but enhances the heat transfer, as discussed in detail in Ref. [7] . In HX-4 and HX-5 most of the exergy destruction comes from the medium pressure H 2 while in HX-3, most of the exergy destruction comes from the high pressure H 2 . The exergy destruction from the ortho-para conversion is found to be relatively small (see Table 4 ), in particular in the spiralwound heat exchangers. For HX-3 and HX-4, the total exergy destruction in the plate-fin heat exchangers is significantly larger than in the spiral-wound heat exchangers. The main reason for this is the much larger exergy destruction from the pressure drop, which constitutes about 72% of the total exergy destruction in plate-fin heat exchanger HX-3. The pressure drop in this plate-fin heat exchanger is 0.7 bar for the high pressure H 2 and 0.06 bar for the medium pressure H 2 . Despite the much lower pressure drop, 30% of the exergy destruction comes from the medium pressure refrigerant, as shown in Fig. 7a . In comparison, the pressure drop in the spiral-wound heat exchanger is 0.1 bar for the high-pressure H 2 and 0.00 bar for the medium pressure H 2 , i.e. much lower. The situation can be improved by increasing the number of layers with high and medium pressure refrigerant in the plate-fin heat exchanger or by increasing the fin-height. The framework presented in this paper, in particular Eq. (40) , allows the exergy destruction to be located and identified. Furthermore, it makes it possible to compare different sources of exergy destruction on equal terms and enables a qualified specification on the maximum allowed pressure drops in the streams, as they are directly linked to the exergy destruction. In this respect, the maximum allowed pressure drop should probably be decreased in HX-3 to increase the efficiency of the plate-fin heat exchanger, which has the lowest second law efficiency of all the heat exchangers (72.3%).
HX-6
HX-6 has the lowest duty of the heat exchangers considered (2% of the overall duty), but accounts for a significant part of the total exergy destruction, as shown in Fig. 8b . The purpose of HX-6 is to cool the H 2 feed from 43 K to 29.7 K, where the temperature profiles are illustrated in Fig. 8 (top) .
The are two locations in HX-6 with pronounced thermal mismatches between the hot and cold streams; near the cold end, and at a location near z=L ¼ 0:3 in the plate-fin heat exchanger and near z=L ¼ 0:5 in the spiral-wound heat exchanger. Fig. 8e , f show that the mismatch accounts for a large part of the total exergy destruction.
The low-pressure H 2 enters HX-6 at about 22 K as singlephase gas. However, due to a higher pressure (about 8 bar), the saturation temperature of the other cold stream, the medium-pressure H 2 is 30 K. The difference between the temperatures of these streams creates a thermal mismatch near the cold end. The second thermal mismatch stems from a peak in the heat capacity of the H 2 feed near the critical region. Possible routes to reduce the thermal exergy destruction of HX-6 are to use a different refrigerant such as novel helium-neon-hydrogen mixtures, or increase the pressure of the H 2 feed gas.
A comparison of Fig. 8e with 8f reveals that the exergy destruction from the ortho-para hydrogen conversion (blue shaded area) is much smaller in the spiral-wound heat exchanger than in the plate-fin heat exchanger. This can be understood by investigating Fig. 8c, d , which compare the mole-fraction of para-hydrogen in the stream and the equilibrium value at the H 2 feed temperature. The H 2 feed stream in the spiral-wound heat exchanger has a composition that is much closer to the equilibrium composition at the stream temperature. This results in both lower exergy destruction as well as a higher outlet mole fraction of para-hydrogen. The reason for the improved conversion is the lower compactness of the spiral-wound heat exchanger. The lower surface density results in a higher residence time for a given duty, and a more favorable reaction rate to heat transfer rate ratio. The increased residence time is particularly beneficial for the ortho-para conversion as the reaction is rather slow, even in the presence of catalyst.
An overall view of the conversion through all the heat exchangers in the process is displayed in Fig. 9 . The figure reveals that the spiral-wound heat exchangers bring the feed H 2 significantly closer to its equilibrium para-hydrogen composition throughout the entire process. Table 3 shows that the average helix angle in the spiralwound HX-3 to HX-6 is larger (above 20 for the average and above 55 for the feed stream layer) than in HX-1 to HX-2, in order to keep the pressure drop of the H 2 feed stream within acceptable limits. However, Fig. 8f reveals that very little of the exergy destruction in HX-6 comes from the pressure drop. Hence, there is a possibility to decrease the helix-angle for the feed layer and accept a higher pressure loss to achieve a higher surface density and shorter heat exchangers.
General comments on the heat exchanger designs
Preliminary heat exchanger designs have been presented for the six main heat exchangers of a large-scale hydrogen liquefaction process, with the aim of reaching target intermediate temperatures for the streams in the process while keeping the geometric designs within boundaries set by the manufacturers and pressure drops within predefined limits. The results however, reveal a large potential for improvement that can be realized in future optimization studies. For instance, in HX-1 there are large thermal mismatches that should be addressed in future process design, e.g. by employing a dual or cascade mixed refrigerant process.
A comparison of the exergy destruction in the two types of heat exchangers shows that, except in HX-5 and HX-6, the spiral-wound heat exchangers outperform the plate-fin heat exchangers. However, this is misleading, as the weight and Fig. 7 e The distribution between the different contributions to the streams to the exergy destruction in the plate-fin heat exchangers, HX-3 and HX4. i n t e r n a t i o n a l j o u r n a l o f h y d r o g e n e n e r g y x x x ( x x x x ) x x x the surface areas, A s , are several times larger for the spiralwound heat exchangers (compare Tables 2 and 3 ). It is always possible to increase the number of parallel plate-fin heat exchanger configurations and thus the surface area to achieve lower exergy destruction. However, it is not possible to reduce the size of the spiral-wound heat exchanger much beyond the sizes in Table 3 and still match the intermediate temperatures in the process.
To gain further insight on the influence of heat exchanger size on the results, we investigated spiral-wound heat exchangers with the same boundary conditions as in HX-1 and HX-2. If the length of HX-1 was reduced by 50%, the outlet temperatures of the H 2 feed and the high pressure MR changed by only 2.5 K and 1.5 K respectively. A 50% reduction of the length of HX-2 increased the outlet temperature of the high pressure H 2 by 2.5 K. In both cases, the exergy destruction increased by about 50%, i.e. to an exergy destruction similar that of the plate-fin heat exchangers. We find that the last degrees of cooling of the streams are particularly costly, in particular for the spiral-wound heat exchangers. The large increase in the required heat exchanger area in the spiralwound heat exchangers is both due to the lower surface density and lower heat transfer coefficients.
The state-of-the-art technology, plate-fin heat exchangers, is likely the best choice for the heat exchangers of a large-scale Claude refrigeration LH 2 process. In the cryogenic part, helium-neon-hydrogen mixtures have been proposed as novel mixed refrigerants that can enable the use of highly efficient turbo compressor equipment, as well as evaporate at the cold-side of the heat exchangers [8, 9] . Evaporation will enhance the heat transfer, which will shift the para-hydrogen composition of the stream even further away from equilibrium. Unless a significantly improved catalyst is developed, the spiral-wound heat exchanger technology could be advantageous in the bottom part of such a process as it gives a longer residence time which allows for sufficient conversion of ortho-to-para hydrogen.
Conclusion
The state-of-the-art technology used in present hydrogen liquefaction processes is catalyst-filled plate-fin heat exchangers. An alternative that is commonly employed in largescale processes for liquefaction of natural gas is spiral-wound heat exchangers, where several layers of (mostly hot) streams flow in pipes wounded around an inner mandrel, and the refrigerant flows counter-currently at the shell side.
In this work, we have presented mathematical models for catalyst filled plate-fin and spiral-wound heat exchangers and compared, for the first time, the performance of these two technologies for a large-scale Claude refrigeration process for liquefaction of hydrogen with a capacity of 125 tons/day. Design specifications for the six main heat exchangers were presented, both for the plate-fin and the spiral-wound heat exchanger technologies and detailed maps of the local exergy destruction were discussed for some of the heat exchangers. The heat exchanger duties varied between 1 and 31 MW and the exergy destruction made up between 3% and 64% of the duties. Their second law efficiencies varied between 72.3% and 96.6%. The exergy destruction in the heat exchangers decreased at lower temperatures, but their second law efficiencies did not follow this trend.
Because of geometrical constraints imposed by the heat exchanger manufacturers, we found that between 1 and 4 parallel plate-fin heat exchanger modules were required to achieve the desired capacity. Only one module was needed for each spiral-wound heat exchanger. Due to a lower surface density and heat transfer coefficients in the spiral-wound heat exchangers, their weights were 2e14 times higher than those of the plate-fin heat exchangers. While it was possible to employ more parallel plate-fin heat exchangers to increase the surface area and thus lower the exergy destruction, it was not possible to reduce the size of the spiral-wound heat exchangers much beyond what was reported and still match the intermediate temperatures of the process. In the spiral-wound heat exchangers, the distribution between thermal, pressure-based and ortho-para hydrogen conversion-based exergy destruction was 84%, 14% and 2% respectively. The corresponding numbers for the plate-fin heat exchangers were 64%, 30% and 6%. The general trend was that the spiral-wound heat exchangers had a lower exergy destruction from pressure drop and ortho-para hydrogen conversion.
In the first heat exchanger, H 2 feed gas was cooled from ambient temperature to about 120 K by use of a mixed refrigerant. Here, most of the exergy destruction occurred when the high-pressure mixed refrigerant entered the singlephase regime. A dual mixed refrigerant or a cascade process holds the potential to remove a large part of this exergy destruction and improve the efficiency. In many of the heat exchangers, we found an uneven local exergy destruction, which reveals a potential for further optimization of geometrical parameters. The framework presented allows a reasonable specification of the maximum allowed pressure drop through the heat exchangers, as the pressure drop is linked directly to the exergy destruction.
The mole-fraction of para-hydrogen was significantly closer to the equilibrium composition through the entire process for the spiral-wound heat exchangers. This was due to the longer residence time. As a consequence, the outlet mole fraction of para-hydrogen from the last spiral-wound heat exchanger was higher (0.97) than that from the last plate-fin heat exchanger (0.93). The exergy destruction from the conversion from ortho-to para-hydrogen was also lower.
Due to the higher surface densities of the plate-fin heat exchangers, they are the preferred technology for hydrogen liquefaction, unless a higher conversion to heat exchanger ratio is desired. Such a situation could occur in the bottom part of LH 2 processes if a boiling refrigerant of hydrogen-neonhelium mixtures is employed. Fig. 9 e The mole fraction of para-hydrogen trough the process (solid lines) compared to the equilibrium parahydrogen composition (dashed lines). The spiral-wound heat exchanger is represented by blue lines, and the platefin heat exchanger is represented by pink lines. The mole fraction of para H 2 is closer to the equilibrium composition at the H 2 feed temperature through the entire process. In the above figure, SWHE refers to the spiral-wound heat exchanger and PFHE refers to the plate-fin heat exchanger.
